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Abstract Shell and tube heat exchangers are commonly used in a wide
range of practical engineering. The key issue in such a system is the heat
exchange between the hot and cold working media. An increased cost of pro-
duction of these devices has forced all manufacturing companies to reduce
the total amount of used materials by better optimizing their construction.
Numerous studies on the heat exchanger design codes have been carried
out, basically focusing on the use of fully time-dependent partial differential
equations for mass, momentum, and energy balance. They are very com-
plex and time-consuming, especially when the designers want to have full
information in a full 3D system. The paper presents the 1D mathemati-
cal model for analysis of the thermal performance of the counter-current
heat exchanger comprised of mixed time-dependent and time-independent
equations, solved by the upwind numerical solution method, which allows for
a reduction in the CPU time for obtaining the proper solution. The compar-
ison of numerical results obtained from an in-house program called Upwind
Heat Exchanger Solver written in a Fortran code, with those derived using
commercial software package ASPEN, and those obtained experimentally,
shows very good agreement in terms of the temperature and pressure dis-
tribution predictions. The proposed method for fast designing calculations
appears beneficial for other tube shapes and types of heat exchangers.
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Nomenclature
A – area, m2

C – circumference of the wetted area, m
cp – specific heat, J/(kgK)
D – pipe diameter, m
d – pipe diameter, m
dP – pressure drop, kPa
f – friction factor,
g – gravity acceleration, = 9.81 m/s2

h – specific enthalpy, J/kg
k – heat transfer coefficient, W/(m2K)
L – length, m
ṁ – mass flow rate, kg/s
Nu – Nusselt number
Pr – Prandtl number
p – pressure, Pa
Q – heat, J
Q̇ – heat source, W
Re – Reynolds number
T – temperature, K
t – time, s
V – volume, m3

w – fluid velocity, m/s
z – spatial coordinate related to the length of the system, m

Greek symbols

α – convective heat transfer coefficient, W/(m2K)
β – angle position, rad
δ – wall thickness, m
ε – pipe roughness, m
η – efficiency
λ – thermal conductivity, W/(mK)
µ – dynamic viscosity, Pa s
ρ – density, kg/m3

τw – shear stress, Pa
ξ – coefficient depending on the nature of local resistance
ϕ – angle of pipe bending, rad

Subscripts and superscripts

0 – calculated area
C – cold medium
exp – experimental
H – hot medium
i – ith medium
in – inlet
out – outlet
w – wall
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Acronyms

1D – one-dimensional
1DP – one-dimensional code with assumption of cylindrical wall shape
1DW – one-dimensional code with assumption of simple wall shape
CFD – computational fluid dynamics
LMTD – logarithmic mean temperature difference
NTU – number of transfer units
RELAP – Reactor Excursion and Leak Analysis Program
TRAC – Transient Reactor Analysis Code
UHES – Upwind Heat Exchanger Solver

1 Introduction

According to Markets and Markets [1] the value of the global heat ex-
changer market amounts to 15.6 billion USD, and by 2026 it should reach
the value of about 19.9 billion USD, which gives a weighted average growth
rate of approximately 5% per annum. The largest increases are expected
in the chemical, petrochemical, mining and heating, ventilation and air
conditioning (HVAC) industries. A slightly lower pace of growth can be
expected in food, energy, sewage, paper and other industries. The highest
pace of growth is to be expected in the region of Asia and the Pacific, thanks
to its rapidly progressing industrialization. Although the war in Ukraine af-
fected the production dynamics and increased uncertainty, it must be said
that heat exchangers are a large world market. Shell and tube exchangers
account for 27% of the global market of heat exchangers, which is 5.4 bil-
lion USD per year. The highest growth dynamics, of 9%, are expected in
the market of plate heat exchangers, including sealed, soldered and welded
exchangers, which is the result of the rapidly growing heating, ventilation
and air conditioning industry. The outlook for growth of shell and tube heat
exchangers is slightly lower, but it is estimated at 6% per annum. Shell and
tube heat exchangers are an essential part of energetic and chemical in-
stallations so their price usually accounts for a large part of the total cost.
For this reason, designers focus on solutions with reduced dimensions and
reduced weight to make them more competitive. Therefore, the exact cal-
culations of heat transfer in exchangers are of great technical importance as
they affect the proper operation of the whole system and have a significant
impact on their price.
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2 Designing and modelling heat exchangers
performance

The most popular calculation methods for shell and tube heat exchangers
include the logarithmic mean temperature difference (LMTD) and the num-
ber of transfer units (NTU) method. The LMTD method has been around
for a long time [2], it can be found in textbooks [3] and is still used as the
basic calculation method [4]. It requires not only the cold and the hot inlet
fluid temperatures, but also the outlet temperatures. When the latter is
unknown, this method requires an iterative procedure. The NTU method
is not an iterative one [5,6], it is based on the knowledge of the media mass
flows and only the hot and the cold fluid inlet temperatures. In the shell
and tube exchanger, the important part of the heat flux flows through the
leaks, therefore the Delaware method [7] can be used, which is more labour-
intensive but also more precise because it uses correction coefficients. These
coefficients refer to the leaks between parts of the exchanger located in the
inter-tube space (tubes, baffles, shell). Leaks have a negative impact on the
heat transfer process, which is reflected primarily in the heat conductivity
coefficient, as well as in the predicted pressure drop. The aforementioned
methods are based on global heat and mass balances in the shell and tube
type exchanger, hence they are relatively inaccurate, especially when the
flux and heat transfer parameters change. A completely different approach
is to use CFD programs, which can take into account the full geometry of
an exchanger and three-dimensional flow structures [8,9]. However, compu-
tational fluid dynamics (CFD) simulation still requires a lot of work, large
computing power, and computing time to create meshes. Therefore, CFD
is rarely used to solve practical heat transfer problems.

An alternative to the lumped methods LMTD and NTU on the one
hand, and CFD on the other, might be methods based on one-dimensional
equations describing the mass, momentum, and energy flows in the hot and
cold fluid. Generally, a one-dimensional system of balance equations is used
in various fields of science and technology, including pipelines, turbines,
compressors, and rocket engines. The methods of modelling non-stationary
compressible one-dimensional flows are a scientific research problem in the
field of numerical methods in which the main goal is to obtain stable and
accurate solutions [10, 11]. One area, in which one-dimensional models are
particularly attractive, is the two-phase flows, especially when they are ap-
plied to nuclear reactors. A number of works are derived from models ini-
tiated in the RELAP (Reactor Excursion and Leak Analysis Program) [12]
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and TRAC (Transient Reactor Analysis Code) [13] codes, which also have
their computational algorithms for solving non-linear systems of difference
equations. The one-dimensional approach was developed for models with
a non-equilibrium thermodynamic state developed by Bilicki et al. [14].
Modern works of Daude et al. [15,16] and Delchini et al. [17] on two-phase
flows also use one-dimensional systems of balance equations and are devoted
to developing a method for simulating non-stationary flows in variable ge-
ometry pipes. In the work of Chen et al. [18], the basic system of equations
was transformed into a new form to obtain a coupling matrix equation.
As a result, instead of a multi-step solution process, a one-step solution
was obtained. Due to the nonlinearity of this type of equations system, the
methods of solving them were also analyzed. Such an example is the work
by Lopez et al. [19], in which a numerical solution based on shifted nodes
of the grid was proposed. In this method, the non-stationary terms are
approximated by an explicit scheme, which is connected with a partially
implicit pressure equation. Difference methods for solving non-stationary
systems of equations give good results, but their big disadvantage is the
long computational time. This is mainly due to the numerical stability,
which must satisfy the Courant–Friedrichs–Lewy condition that depends
on the specific difference scheme. In general, however, the time step has
to be small to maintain numerical stability, which leads to time-consuming
calculations [20].

In the literature, various kinds of one-dimensional models of flows and
heat exchange can be found. Roetzel and Das [21] introduced the concept of
hyperbolic heat dispersion in fluid. In this approach, the key is the energy
equation complemented by the non-equilibrium hyperbolic equation for the
heat flux. As a result, partial differential equations are obtained, which
are then solved by the Laplace transformation method. A one-dimensional
approach was also applied by Luo et al. [22] who simulated the dynamics
of heat exchangers and studied the responses to changes in the tempera-
ture and sudden changes in flow rate. The used model was based on the
energy equations for both fluids. An extension of this methodology can be
found in the work of Roetzel and Ranong [23], who took into account the
variability of the heat transfer coefficient. Yen and Jenkins [24] developed
a method to calculate temperature distribution and heat transfer in the ex-
changer with phase transition, based on one-dimensional energy equations
assuming that the convective heat transfer coefficient on each side of the
exchanger and the thermal properties of the fluid on the wall are constant.
As a result, the fluid and the wall temperature distributions variable in time
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and space were obtained. In the paper by Malinowski and Bielski [25] non-
stationary temperature distribution in a counter-current heat exchanger
was predicted using one-dimensional and non-stationary balance equations
with appropriate boundary conditions. The solution method was based on
the application of the Laplace transform to a system of partial differential
equations, from which a set of ordinary differential equations was obtained
and solved analytically. Ansari and Mortazavi [26] showed the dynamic
response of a counter-current heat exchanger to inlet parameter changes.
The model used for this purpose was based on one-dimensional equations
of mass, momentum, and energy balance. This work applies a method that
uses the analytical solution of the energy equation. Also, in the work of Yin
and Jensen [24], a one-dimensional and non-stationary model of flow and
heat transfer in a heat exchanger was used. The subject of the analysis was
an influence of an abrupt boundary temperature change on the tempera-
ture distribution in the exchanger. The work presents a numerical solution
to the problem and its analytical form.

In this paper, a mathematical model for the flow and heat transfer pro-
cesses in a counter-current shell and tube exchanger under stationary con-
ditions is proposed. The developed computation method is based on a mix
of non-stationary and stationary equations for predicting the behaviour
of working fluids. The purpose of using this approach is to obtain solu-
tions that take into account changes in thermodynamic parameters along
the flow direction. The use of a mixed stationary/non-stationary system of
equations to solve a stationary problem is aimed at eliminating iterative
methods that may be weakly convergent. The second reason for using such
a method is to reduce the computation time.

3 Governing equations

A whole shell-and-tube type heat exchanger may be treated as a tube in
a tube system. A schematic of the tested type of heat exchanger is pre-
sented in Fig. 1. The thermal-flow model proposed here relates to the cal-
culation of a heat exchanger under steady-state conditions but is based on
non-stationary energy balance equations for both hot and cold fluids. The
equations of conservation of mass and momentum are stationary.

A partially non-stationary model is designed to simplify and speed up
the calculations because the operating conditions are stationary by defini-
tion. One-dimensional balance equations for the internal and external fluid
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Figure 1: Scheme of a counter-current shell and tube heat exchanger.

provide further simplifications of the model and calculations. Such an ap-
proach to geometry and flow significantly reduces the form of differential
balance equations and finally, numerical difference equations. The simpler
form of balance equations is to reduce the time of numerical computations,
which are usually time-consuming. Only horizontal direction is taken into
consideration along the pipe length. The model presented here will be ap-
plied to single-phase flows, however, it is also suitable for two-phase flows.
In the two-phase case, a slightly different way of solving the systems of bal-
ance equations should be applied. The physical quantities are assumed to
change only with temperature. Details on the derivation of the differential
form of the balance equations are given for example in [27].

According to the above assumptions, the thermal-flow model of the heat
exchanger consists of the following system of balance equations:

mass balance equation

1
Ai

∂

∂z
(ρiwiAi) = 0, (1)

momentum balance equation

1
Ai

∂

∂z
(ρiwiwiAi) + ∂pi

∂z
= −τw,i

Ci
Ai

+ ρig cosβi , (2)

energy balance equation

∂

∂t
(ρicp,iTi) + 1

Ai

∂

∂z
(ρiwicp,iTiAi) = Q̇i

Vi
. (3)
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The subscript i in Eqs. (1)–(3) denotes the working medium, i.e., for the
hot medium i ≡ H, for the cold medium i ≡ C. Overall, six balance equa-
tions should be considered: three for the hot medium and three for the
coolant. The densities and the specific heats of individual media are the
functions of temperatures, i.e. ρH = ρH(T ), cp,H = cp,H(T ), ρC = ρC(T ),
cp,C = cp,C(T ), for the hot and cold medium, respectively. The quantity Q̇i
(Eq. (3)) represents the source term for heating/cooling. Usually, p stands
for the pressure, w is the velocity, A is the surface occupied by the fluid,
and C is the circumference of the wetted area.

It shall be noted that in the system, there is no assumption of the ther-
modynamic equilibrium state between the working media. The term on the
right side of Eq. (3) describes the heat transferred from the hot to cold side
(if it is written for the hot fluid) or heat absorbed by the cold fluid.

3.1 Source terms

Pressure losses due to the fiction are calculated as follows:

τw,i = f ′i
ρiw

2
i

2 , (4)

where f ′i is the Fanning friction factor coefficient being a function of the
Darcy–Weisbach friction factor f depending on the pipe flow regime, i.e.
for laminar flow

f = 64
Re for Re < 2300, (5)

for transitional flow

f = AfRe +Bf for 2300 < Re < 4000, (6)

and for turbulent flow (Altshul correlation [28])

f = 0.11
(
ε

D
+ 68

Re

)0.25
for Re > 4000. (7)

The parameter ε is the pipe roughness, D is its diameter, and Re is the
Reynolds number. Coefficients Af and Bf are calculated to fit smoothly
curves for the laminar and turbulent regions. Also, the local pressure loss
is taken into account [29]:

∆pi = ξ

(
ρiw

2
i

2

)
, (8)
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where ξ is a coefficient depending on the nature of local resistance. In the
case of a hot medium, local pressure losses are associated with the change
of the flow cross-section, i.e. flow from/into the bigger/smaller pipe. For
the cold medium, they are related to the tube bending by a given angle.
The formulas for the ξ values are presented in Table 1.

Table 1: Coefficient ξ for local pressure losses in the analyzed heat exchanger [29].

Case ξ

From bigger to smaller pipe* 0.7
(
1− d2/D2

)
− 0.2

(
1− d2/D2

)3

From smaller to bigger pipe*
(
1− d2/D2

)2

Bending of the pipe for angle* 0.946 sin(ϕ/2)2 + 2.05 sin(ϕ/2)4

∗ D, d – diameters of bigger and smaller pipe, ϕ – angle of the bending.

The source term in Eq. (3) is defined by

Qi = kAi∆T, (9)

where k is the overall heat transfer coefficient, A is the heat transfer surface,
and ∆T is the temperature difference between the working fluids. Generally,
the heat transferred from the hot side to the cold side is equal to that
absorbed by the cold one

QC = kAC (TH − TC) = −QC . (10)

For a simple wall, the overall heat transfer coefficient can be calculated as
1
k

= 1
αH

+ δ

λ
+ 1
αC

, (11)

where δ is the wall thickness, λ is the thermal conductivity of the wall
material, and αC and αH are the convective heat transfer coefficients for
cold and hot medium, respectively. For cylindrical walls, the overall heat
transfer coefficient can be expressed as

1
k

= 1

αH
AH
A0

+ 1
λ

δ

dw
d0

+ 1

αC
AC
A0

, (12)

where dw is the logarithmic average diameter of the cylindrical wall

dw = Dout −Din

ln Dout
Din

. (13)
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Parameters AH , AC are the surfaces calculated from the hot-fluid and cold-
fluid side, and A0 is the calculated area, which depends on the convective
heat transfer coefficient as follows:

A0 = AH for αH < αC , (14)

A0 = AC for αC < αH . (15)

The convective heat transfer coefficient α can be determined from the def-
inition of the Nusselt number:

Nu = αD

λ
. (16)

Due to the fact that the correlations connecting Nusselt, Reynolds and
Prandtl numbers for the convective heat transfer in pipes are well known,
the convective heat transfer coefficient can be easily calculated as a function
of flow parameters and geometry. Determination of the Nu number can
be obtained from the correlations for laminar and turbulent flows given,
respectively, by [29]:

Nu = 3.66 +
0.065RePrD

L

1 + 0.04
(
RePrD

L

)2/3 for Re < 2100, (17)

Nu = 0.027Re0.8Pr1/3
[
µ(p, T )
µ(p, Tw)

]0.14
for Re ≥ 2100, (18)

where µ(p, T ) is the dynamic viscosity and µ(p, Tw) is the dynamic viscosity
calculated for the wall temperature Tw.

The above partially non-stationary, one-dimensional heat exchanger mo-
del consisting of six ordinary and partial differential equations, as well as
constitutive and closure equations (Eqs. (1)–(18)), is solved by the method
of successive iterations in time. The simplification of the thermal-flow de-
scription to two non-stationary energy equations allows for the unambigu-
ous determination of the hot and cold fluid temperature field along the
heat exchanger and means that the calculations in time concern only the
energy equations. The derivative of temperature over time is approximated
by the time finite difference, and the convection term is approximated by
the upwind finite difference formula. This numerical scheme allows for ex-
plicit calculation of the cold and hot fluid temperatures starting with the
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inlet and ending with the outlet. At each time step, both fluid velocities are
calculated from the mass balance equation. Knowing the temperature and
the velocities at new time steps the pressure distribution can be calculated
through the equation of momentum balance, using the same procedure as
for the velocity of the fluid. The pressure distribution is determined first for
the hot medium (from inlet to outlet) and after that, for the cold medium in
the opposite direction. The length of the time step is limited and is depen-
dent on the numerical scheme and space step. The length of both steps is
influenced by the stability of the numerical scheme, which can theoretically
be determined from the Courant–Friedrichs–Lewy condition. Practically,
the time step length is chosen to keep the solution numerically stable. The
above assumptions led to the development of a numerical program in the
Fortran language called UHES (Upwind Heat Exchanger Solver).

4 Experimental work

4.1 Measurement setup

The experimental set-up consists of four basic systems, which are: a closed
system of the tested liquid, a cooling and hot water system and a measuring
system. The stand provides the possibility to read and record the temper-
atures of the working media at the entrance and exit. Figure 2 presents
a schematic representation of the locations of thermocouples installed in
the experimental setup. Table 2 involves the description of the measure-
ment points.

Table 2: Description of measurement points installed in the experimental setup.

Cold side
No. 14 Inlet temperature of cooling water T in

C

No. 15 Outlet temperature of cooling water T out
C

Hot side
No. 12 Inlet temperature of hot water T in

C

No. 13 Outlet temperature of hot water T out
C

During the conducted tests, the cooling medium was fed to the exchanger
with the use of a water pump connected to a flow meter. The cooling water
flowed through the exchanger in the external pipe. The applied solution
involves counter-current flow, therefore the hot water flows in the opposite
direction in the inner pipe.
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Figure 2: Location of the temperature measurement points installed in the counter-
current heat exchanger experimental setup: 1 – tested system; 2 – indirect
heat exchanger; 3 – hot water tank; 4 – heating section; 5–7 – circulation
pumps; 8–10 – flow meters; 11 – expansion vessel; 12–15 – temperature sen-
sors; 20 – output for inlet temperature and pressure sensors; 21 – pneumatic
regulator valve; 22 – cold water supply; 23 – drain grate; 24 – ultrasonication
system; 25 – inverter of the circulation pump.

In order to measure the temperature of water, type Pt100 resistance tem-
perature sensors were used (ranging from −50◦C to +250◦C). All temper-
ature sensors were connected to a multichannel recorder (SIMEX SRT-73).

As aforementioned, the tube-in-tube system was analyzed. The outer
diameter of the hot tube was equal to dH = 16 mm and its thickness was
0.8 mm, whereas the outer diameter of the shell was equal to dC = 26.9 mm
(2 mm thick). The length of the heat exchanger was L = 500 mm.

4.2 Experimental results

Table 3 presents the results from the experimental measurements for dif-
ferent mass flow rates of working fluids. Additionally, for comparison and
determining the efficiency of the heat exchanger, the heat transferred from
the hot and to the cold side was calculated from the formulas, respec-
tively [30]:

Q̇H = ṁH (hH,in − hH,out) , (19)

Q̇C = ṁC (hC,out − hC,in) , (20)
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Table 3: Results of experimental studies.

Case
Hot side Cold side

ηexp
V̇ exp

H ṁexp
H T exp

H,in T exp
H,out Q̇exp

H V̇ exp
C ṁexp

C T exp
C,in T exp

C,out Q̇exp
C

l/h kg/h ◦C ◦C kW l/h kg/h ◦C ◦C kW %

a 684.0 659.0 97.6 90.3 6.0 655.2 654.7 14.4 21.1 4.8 79
b 680.4 655.5 97.6 90.3 6.0 656.0 655.8 14.4 21.1 4.8 79

c 525.6 503.3 97.2 89.1 5.1 502.6 501.9 14.4 21.9 4.1 80
d 525.6 503.3 97.2 89.1 5.1 502.3 501.8 14.4 21.9 4.1 80
e 525.6 503.3 97.2 89.1 5.1 502.4 449.6 14.4 21.9 4.1 80

f 298.8 288.5 96.0 86.4 3.5 301.7 301.3 14.5 23.4 2.9 84
g 302.4 292.0 96.0 86.4 3.5 301.5 300.2 14.5 23.4 2.9 83
h 302.4 292.0 96.0 86.4 3.5 301.3 300.7 14.5 23.4 2.9 84

where ṁ is the mass flow rate and h is the specific enthalpy. The efficiency
of the heat exchanger was then obtained from

η = Q̇H

Q̇C
. (21)

For experiments, three mass flow rates were taken into account, the same
for both the hot and cold fluids. The tests for each mass flow case were re-
peated at least twice to be sure that the obtained results are proper. In
summarizing, 8 cases were taken into account to determine the efficiency of
the stand (cases a–h). It is obvious that the thermal output of the heat ex-
changer depends on the flow rates of fluids. In the test stand, the maximum
obtained thermal duty was at the level of 5 kW and the minimum was about
3 kW for flows around 650 kg/h and 300 kg/h, respectively. As a result, the
derived heat exchange effectiveness is at the level of 80% on average and it
grows with decreasing flow rates of the media. At each stage of the exper-
iment, efforts were made to maintain the same level of the medium inlet
temperatures.

5 Numerical results

The proposed mathematical formulas were implemented in the Fortran nu-
merical code into the program UHES. The results obtained from UHES
calculations for the considered test cases are summarized in Tables 1–6.
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In Table 4 the results from the Aspen Exchanger Design & Rating pack-
age [31] are presented. All the inlet temperatures and the mass flow rates
were taken directly from the experimental results. The obtained heat duty
is at the same level as experimentally-determined, i.e. it varies from 3 kW to
6 kW. The calculated device efficiency is aproximately 90%, so about 10%
higher than those from the experimental studies. In addition, the pres-
sure drop (dP) was also determined using the ASPEN package. It ranges
from about 0.3 kPa to 1.2 kPa, depending on the flow rate and has a sim-
ilar value for both media sides for the same mass flow rates. The similar
situation takes place in the case of one-dimensional (1D) in-house code cal-
culations (Tables 5 and 6). The same, as in the Aspen cases, pressure drop
was obtained, but the efficiency of the device was set at 100%. The thermal
output in those cases varies from 2.7 kW to 5.3 kW, depending on the mass
flow rate and the assumed wall shape. For the cylindrical wall, the output
increased by about 5% in comparison to the simple wall hypothesis.

Table 4: Results of numerical studies obtained using the ASPEN package.

Case
Hot side Cold side

ηAspen
ṁH TH,in TAspen

H,out dPAspen
H Q̇Aspen

H ṁC TC,in TAspen
C,out dPAspen

C Q̇Aspen
C

kg/h ◦C ◦C kPa kW kg/h ◦C ◦C kPa kW %

a 659.0 97.6 90.0 1.20 6.3 654.7 14.4 22.2 1.18 5.5 88
b 655.5 97.6 90.0 1.19 6.4 655.8 14.4 22.2 1.18 5.6 87

c 503.3 97.2 88.8 0.72 5.3 501.9 14.4 22.8 0.74 4.6 87
d 503.3 97.2 88.8 0.72 5.3 501.8 14.4 22.8 0.74 4.6 87
e 503.3 97.2 88.9 0.72 5.3 449.6 14.4 22.8 0.73 4.6 87

f 288.5 96.0 87.6 0.25 3.0 301.3 14.5 22.5 0.30 2.6 87
g 292.0 96.0 87.7 0.26 3.0 300.2 14.5 22.6 0.30 2.6 87
h 292.0 96.0 87.7 0.26 3.0 300.7 14.5 22.6 0.30 2.6 87

As may be seen, in the case of temperature prediction all of the predicted
values are in good agreement with the experimental results (Exp.) – see
Table 7. The difference between the calculated and measured temperature
values on the hot side varies from 0.4% to 2.5%, and this value is increasing
with the decrease of the hot-fluid mass flow rate. The Aspen predictions
(Asp.) are better, due to the assumption of the device efficiency (it is on
a similar level as the one from the experiments, whereas for the 1D in-house
code it has a higher value, i.e. 90% vs. 100%). Assuming the cylindrical wall
(1DP) instead of a simple one (1DW), this difference is reduced. Due to the
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lack of information about the pressure losses the two numerical methods
were compared and presented in Table 8. The difference in the predictions
of pressure drop along the heat exchanger tube between the Aspen and 1D
in-house codes are at the level of 20% in the case of internal (hot) flow,
and from 1% to 30% in the case of external (cold) flow, depending on the
mass flow rates. The highest level of this difference refers to the lowest mass
flow rate. One should be pointed out: as far as the cold side is considered
the lowest obtained pressure drop is about 0.3 kPa. Since in this case, the

Table 5: Results of numerical studies derived using the 1D in-house code adopting the
simple wall shape (1DW).

Case
Hot side Cold side

η1DW
ṁH TH,in T 1DW

H,out dP 1DW
C Q̇1DW

H ṁC TC,in T 1DW
C,out dP 1DW

C Q̇1DW
C

kg/h ◦C ◦C kPa kW kg/h ◦C ◦C kPa kW %

a 659.0 97.6 91.6 1.00 5.0 654.7 14.4 21.4 1.20 5.0 100
b 655.5 97.6 91.6 0.99 5.0 655.8 14.4 21.4 1.21 5.0 100

c 503.3 97.2 90.7 0.60 4.1 501.9 14.4 21.9 0.74 4.1 100
d 503.3 97.2 90.7 0.60 4.1 501.8 14.4 21.9 0.74 4.1 100
e 503.3 97.2 90.8 0.60 4.1 449.6 14.4 21.9 0.74 4.1 100

f 288.5 96.0 88.5 0.21 2.7 301.3 14.5 22.8 0.21 2.7 100
g 292.0 96.0 88.5 0.21 2.7 300.2 14.5 22.8 0.21 2.7 100
h 292.0 96.0 88.5 0.21 2.7 300.7 14.5 22.8 0.21 2.7 100

Table 6: Results of numerical studies obtained using the 1D in-house code adopting the
cylindrical wall shape (1DP).

Case
Hot side Cold side

η1DP
ṁH TH,in T 1DP

H,out dP 1DP
C Q̇1DP

H ṁC TC,in T 1DP
C,out dP 1DP

C Q̇1DP
C

kg/h ◦C ◦C kPa kW kg/h ◦C ◦C kPa kW %

a 659.0 97.6 91.2 1.00 5.3 654.7 14.4 21.9 1.20 5.3 100
b 655.5 97.6 91.2 0.99 5.3 655.8 14.4 21.9 1.21 5.3 100

c 503.3 97.2 90.3 0.60 4.4 501.9 14.4 22.4 0.74 4.4 100
d 503.3 97.2 90.3 0.60 4.4 501.8 14.4 22.4 0.74 4.4 100
e 503.3 97.2 90.3 0.60 4.3 449.6 14.4 22.4 0.74 4.3 100

f 288.5 96.0 88.0 0.21 2.9 301.3 14.5 23.3 0.21 2.9 100
g 292.0 96.0 88.1 0.21 2.9 300.2 14.5 23.4 0.21 2.9 100
h 292.0 96.0 88.1 0.21 2.9 300.7 14.5 23.4 0.21 2.9 100
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difference between the pressure drop values derived from Aspen and UHES
results is 30%, which gives the value of 90 Pa, this is a not big deviation.

Table 7: Comparison of the numerical results with the experimental values – tempera-
tures for simple and cylindrical wall shapes assumed.

Case
Hot side Cold side

T out
H , ◦C ∆T, % T out

C , ◦C ∆T, %
Exp. Asp. 1DW 1DP Asp. 1DW 1DP Exp. Asp. 1DW 1DP Asp. 1DW 1DP

a 90.3 90.0 91.6 91.2 0.4 1.5 1.0 21.1 22.2 21.4 21.9 5.2 1.5 3.6
b 90.3 89.8 91.6 91.2 0.6 1.4 1.0 21.1 22.2 21.4 21.8 5.3 1.4 3.5

c 89.1 88.8 90.7 90.3 0.3 1.8 1.4 21.9 22.8 21.9 22.4 4.0 0.1 2.2
d 89.1 88.8 90.7 90.3 0.3 1.8 1.4 21.9 22.8 21.9 22.4 4.0 0.1 2.2
e 89.1 88.9 90.8 90.3 0.3 1.9 1.4 21.9 22.8 21.9 22.4 4.1 0.1 2.3

f 86.4 87.6 88.5 88.0 1.4 2.4 1.8 23.4 22.5 22.8 23.3 3.7 2.5 0.3
g 86.4 87.7 88.5 88.1 1.5 2.5 1.9 23.4 22.6 22.9 23.4 3.6 2.3 0.1
h 86.4 87.7 88.5 88.1 1.5 2.5 1.9 23.4 22.6 22.9 23.4 3.6 2.4 0.1

Table 8: Pressure drop – comparison of the numerical results obtained from different
programs

Case
Hot side Cold side

dPAspen
H dP 1DW

H dP 1DP
H ∆p1DW ∆p1DP dPAspen

C dP 1DW
C dP 1DP

C ∆p1DW ∆p1DP

kPa kPa kPa % % kPa kPa kPa % %

a 1.20 1.00 1.00 16.7 16.7 1.18 1.21 1.20 2.1 2.0
b 1.19 0.99 0.99 16.7 16.7 1.18 1.21 1.21 2.2 2.0

c 0.72 0.60 0.60 16.9 16.9 0.74 0.74 0.74 0.9 0.8
d 0.72 0.60 0.60 16.9 16.9 0.74 0.74 0.74 0.8 0.7
e 0.72 0.60 0.60 16.9 16.9 0.73 0.74 0.74 0.8 0.7

f 0.25 0.21 0.21 16.9 16.9 0.30 0.21 0.21 28.7 28.4
g 0.26 0.21 0.21 17.0 17.0 0.30 0.21 0.21 28.8 28.6
h 0.26 0.21 0.21 17.0 17.0 0.30 0.21 0.21 28.8 28.5

In Fig. 3 the results of the numerical 1D program solution concerning the
distribution of both medium temperatures along the heat exchanger for
case d (see Table 3) are presented. As it may be seen, the hot medium is
cooled and the cold one is heated, as it is expected. The outlet hot water
temperature is about 10◦C lower than its inlet temperature. In the case
of coolant, the situation is similar, i.e. the temperature difference between
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the inlet and outlet is about 10◦C. Those differences are almost equal due
to the same flow rates of the working fluids for the discussed case d. The
numerical results (lines) are in very good agreement with the experimental
ones (points).

Figure 3: The wall and media temperature distributions along the heat exchanger
for case d.

Figures 4–5 illustrate the distribution of the medium temperature in the
function of position and time, for hot and cold water, respectively. As it
may be noticed, the convergence process takes about 3 s. This is a time
for which the assumed convergence limit is achieved. In that time 300 000
iterations with the time step of 10−5 s are performed and it results in the
CPU real-time of about 40 s. This real-time could be reduced by changing
the convergence condition and obtaining the required solution after 50 000
iterations, i.e. in a six times less calculation time (the solution can be
achieved after 0.5 s). The temperature of the hot water is decreasing with
time and along the tube until it achieves the convergence value, whereas
the temperature of the cold water is increasing at the same time (Fig. 5).

Figure 4: Distribution of the hot medium temperature for case d.
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Figure 5: Distribution of the cold medium temperature for case d.

As the present study shows, the proposed 1D mathematical model imple-
mented in a UHES code for the prediction of temperature distribution and
pressure losses in the tube heat exchanger is a promising tool for designing
simple geometry heat exchangers. The most valuable property of the UHES
program is reducing the calculation time. It was shown that it gives values
which are in good agreement with the Aspen commercial code results and
with our own experimental database.

6 Summary and conclusions

The one-dimensional transient mathematical model was presented and im-
plemented into the in-house Fortran program UHES. The results from
the code UHES were experimentally validated based on the authors’ own
database. The numerical prediction values were in good agreement both
with the experimental results of the tested tube-in-tube type heat ex-
changer and other calculations obtained from the commercial code pack-
age Aspen. The analyzed cases yield the thermal output of the exchanger
from 3 kW to 5 kW, with the flow rates of working media ranging from
300 kg/h to 650 kg/h, respectively. For the mentioned cases, the difference
between the measured and the calculated temperatures does not exceed
2.5%, whereas for the pressure losses this difference was at the level of 20%
for the hot side and varies between 1–30% for the cold side, depending
on the coolant mass flow rate. The highest percentage difference refers to
the laminar flow regime, and the difference between the 1D in-house code
results and Aspen code results does not exceed 90 Pa.

The proposed mixed time-dependent and stationary balance equations
with the implementation of the upwind finite difference numerical schemes
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for the convective terms allows us to obtain a stable and convergent solu-
tion. The usage of less-time consuming numerical schemes in UHES leads
to the reduction of CPU time and getting the predictions in a very short
calculation time. The described in-house code is a promising tool for de-
signing simple geometry heat exchangers. In the future, it can easily be
extended for other more complicated geometries including pipes, round-
shape and rectangular channels, in which the length is much higher than
the characteristic inlet dimension.
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